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Analysis on the Friction Losses of a Bent-Axis Type Hydraulic

Piston Pump

Yeh-Sun Hong*, Yoon-Ho Doh
Hankuk Aviation University, School of Aeronautical & Mechanical Engineering,
Hwajeon-dong, Duckyang-ku, Goyang-city, Gyeonggi-do, 412-791, Korea

The design of an axial piston pump for electro-hydrostatic transmission systems requires
accurate information where and how much the internal friction and flow losses are produced.
This study is particularly focused on the friction losses of a bent-axis type hydraulic piston
pump, aiming at finding out which design factors influence its torque efficiency most signi-
ficantly. To this end, the friction coefficients of the pump parts such as piston heads, spherical
joints, shaft bearings, and valve plate were experimentally identified by a specially constructed
tribometer. Applying the experimental data to the equations of motion for pistons as well as to
the theoretical friction models for the pump parts, the friction torques produced by them were
computed. The accuracy of the computed results was confirmed by the comparison with the
practical input torque of the pump. In this paper, it is shown that the viscous friction forces on
the valve plate and input shaft bearing are the primary source of the friction losses of the
bent-axis type pump, while the friction forces and moments on the piston are of little
significance.

Key Words : Bent-Axis Type Hydraulic Piston Pump, Kinematics Analysis, Dynamic Analysis,
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Nomenclature N : Number of pistons
ac . Acceleration of the mass center of a o, s, - Friction coefficients of valve plate, pis-
piston [m/s?] ton heads, and spherical joints, respec-
As . Effective pressurized area of cylinder tively
bores [mm?] v . Kinetic viscosity of oil [cSt]
Ap . Piston head area [mm?] be . Cylinder chamber pressure [bar]
n . Mean diameter of bearing [mm] R;, R, :Internal and external radii of valve
Fa, Fp ' Normal reaction forces on piston heads plate lands, respectively [mm]
and spherical joints, respectively [N] 7i, o . Internal and external radii of valve
F . Load force on bearing [N] plate ports, respectively [mm]
Fy : Friction force on piston head [N] Rc . Rotation radius of cylinder bores rela-
mp . Mass of a piston [kg] tive to the cylinder barrel axis [mm]
MfA, M,:BI Friction moments on piston heads and Rs . Rotation radius of spherical joints rel-
spherical joints, respectively [Nm] ative to the input shaft axis [mm]
* Corresponding Author, T7, T# . Friction torques. on valve plate and
E-mail : yshong@hau.ac.kr bearings, respectively [Nm]
TEL: +82-2-300-0287; FAX : +82-2-3158-2191 T#, T# : Friction torques generated by spherical
Hankuk Aviation University, School of Aeronautical joints and piston heads, respectively
& Mechanical'Engineering,. Hwajeon-dong, Duckyang- [Nm]
ku, Goyang-city, Gyeonggi-do, 412-791, Korea. (Man
uscript Received January 9, 2004; Revised May 27, T: . Total input torque [Nm]
2004) @, @ . Angular velocity [rad/s] and accelera-
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tion of piston [rad/s?], respectively

Os, ws - Input shaft angle [deg] and input shaft
speed of pump [rpm], respectively

Va, Vi : Velocities of pistion heads and sphe-
rical joints, respectively [m/s]

XYZ ! Global coordinate system with the ori-
gin on input shaft

X'Y'Z"  Local coordinate system with the ori-

gin on cylinder barrel

1. Introduction

Recently, a series of innovative attempts to
replace the conventional Fly-by~Wire systems of
aircrafts by the so-called Power-by-Wire systems
have been made by aircraft makers, aiming at
eliminating heavy and complex hydraulic pipes
connecting main pumps and each electro-hydrau-
lic actuators (Sutton, 1997 ; N. N., 2001). There-
from, it is expected that the fuel consumption and
the maintenance cost of the aircrafts are reduced,
while the pay load is increased.

The Power-by-Wire system bases on a new
kind of electro-hydraulic actuators which are
supplied with electrical power instead of hydrau-
lic one. They consist of a constant displacement
pump and a hydraulic cylinder forming a closed
circuit, where the pump is driven by an electrical
servomotor whose angular velocity is controlled
to position the hydraulic cylinder. In this way,
any flow control devices for the position control
such as servo-valves generating the power loss by
flow restriction, are saved. Therefore, they are
called as electro-hydrostatic actuators (abbreviat-
ed as EHA in the following) in order to distin-
guish them from the conventional valve-control-
led type.

In concern with the pumps for the EHA, they
should be small to save the space and weight. It
means that they should operate at high speed,
simultaneously satisfying the general require-
ments on the operation efficiency and the working
pressure. And they should also allow the dynamic
change of the angular velocity to accurately com-
pensate the position control error.

These conditions can be most advantageously
met by the bent-axis type piston pumps which use
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timing gears to connect the input shaft with the
cylinder barrel. Their pistons are almost free
from lateral forces affecting the wear and friction
between themselves and cylinder bores. These
pumps generally have max. operation pressure
higher than 350 bar. And, in case of small-sized
types, they can operate at the rotational speed up
to 10,000 rpm.

In order to design a highly efficient, high-speed
and small-sized pump for the EHA, it is necessa-
ry to know which design factors significantly
influence its friction losses and flow leakage. In
this study, the scope will be bounded to the
friction loss analysis.

As for the swash-plate type piston pumps, a
lot of studies have been made to investigate the
tribological phenomenon on the pistons, slip-
per pads, and valve plates (Darling, 1985 ; Ezato,
1986 ; Iboshi, 1986 ; Kobayashi, 1988 ; Matsu-
moto, 1991 ; Kobayashi, 1993; Olems, 2002),
their effects on the input shaft torque (Manring,
1998), and the dynamics of the swash plate con-
trol related with the reciprocating motion of pis-
tons (Zeiger, 1985 ; Schoenau, 1990 ; Cho, 2000),
since they have been widely applied not only as
constant flow pump, but also as pressure- or
power-compensated pump with moderate dyna-
mic response. It comes from that their volumetric
displacement can be simply changed by the tilt
motion of the swash plate.

In contrast with that, few studies have been
focused on the bent-axis type piston pumps. As
constant flow pump operating under 4,000 rpm
they are very reliable and efficient. But their
volumetric displacement control for pressure- or
power—-compensation is only allowed to relatively
slow processes because the dynamic inclination
angle change of their cylinder barrel has to over-
come large inertial and mechanical resistance.
Therefore, the study on their dynamics and tribo-
logical problems raised by the spatial motion of
the pistons has not been strongly motivated until
now.

But if we have to design a EHA pump whose
volumetric displacement is smaller than 3c.c./rev
and max. rotational speed higher than 10,000
rpm, it is essential to know how and how much
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the high-speed spatial piston motion produces the
reaction and friction forces on the piston heads,
spherical joints, shaft bearings, and valve plate.
Here, the surface conditions of these components
play a significant role.

Doh and Hong (2002) derived the kinematic
and dynamic equations of the piston motion of
a bent-axis type piston pump, and solved them
to compute the friction forces produced by the
pistons and valve plate, where the information
on the practical friction coefficients was not
completely available. Therefore, the experimental
evaluation of the computed results has remained
to be done.

In this study, the kinematics and dynamics of
the spatial piston motion will be briefly explain-
ed, defining the friction models for the piston
heads and spherical joints. The friction coeffi-
cients of the piton heads, spherical joints, valve
plate, and shaft bearing were experimentally iden-
tified using a specially constructed tribometer so
that the estimation error of the friction losses
can be minimized. The test method will be des-
cribed, referring to the theoretical friction models
of valve plate and shaft bearing.

Finally, based on the experimentally confirmed
friction models of the pump parts, their effects on
the friction loss of the object pump were inves-
tigated. In order to examine the accuracy of the
friction loss analysis, the torque efficiency of a
bent-axis piston pump was measured and com-
pared with the computed value. They showed
good agreement. This paper is concluded with
the discussion how the friction losses at low and
high input shaft speed range can be minimized.

2. Kinematics of the Piston Motion

The bent-axis type piston pump investigated in
this paper connects its cylinder barrel with the
input shaft by bevel gears, as shown in Fig. 1.
Its basic specifications are summarized in Table
1. The pump components subjected to friction
losses are the shaft bearings, bevel gears, spherical
joints, piston heads, and valve plate. For the
friction loss analysis of the pump, their relative
sliding velocities for a given input shaft speed
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Table 1 Basic specifications of object pump

Volumetric displacment 4.88 cc/rev

Cylinder bore diameter 9.5 mm
No. of pistons 5
Pistion stoke 13.77 mm

Spherical joint

Piston head

oA \.\
g 1 '( _Valve plate

Cylinder barre!

Bevel gears

Input shal
Fig. 1 Structure of a bent-axis type piston pump
with bevel gears as coupling device

should be known. In case of the piston heads and
spherical joints, the kinematic analysis of the
spatial piston motion is required, whereas the
rotational speeds of the shaft bearings, bevel
gears, and cylinder barrel are directly given by the
input shaft.

Figure 2 shows the important parameters and
their actual values for the kinematic analysis in
this study.

Relative to the Cartesian coordinate system
XYZ with its origin located at O on the center
of the drive flange, the absolute velocity vector
of a piston head, VA, and that of a spherical joint,
VB, are related by

VBZ VA+@XEBA (1)

where @ denotes the angular velocity vector of
the piston body and Fsa the position vector of
the spherical joint relative to the piston head.
Assuming that the piston does not rotate along its
longitudinal axis, we obtain an additional equa-
tion : i.e.

&+ Rua=0 (2)

From equations (1) and (2), @ and the piston
head velocity relative to the cylinder bore, V7,
can be solved for given Vs And the time
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X Spherical joint

Inclination angle
40d
of cylinder barrel, & °8
Rotati i f
o a.mg .raf:hus o 10.75 mm
spherical joints, Rg
Rotati i f
.0 ating radius o 9.5 mm
cylinder chambers, Rc

(a) Coordinate systems and important kinematic
parameters

4 Y2 | BA V2

R1 6.25 mm Iy
R, 13.25 mm Io
(b) Shape of valve plate

7.4 mm

11.6 mm

Fig. 2 Kinematic parameters of object pump

derivative of egs. (1) and (2), respectively, gives
two equations for solving the angular accelera-
tion of the piston body, @, and the piston head
acceleration for given #p. For more details the
study of (Doh and Hong, 2002) is to be referred.

As an important result of the kinematic an-
alysis, Fig. 3 shows the piston head velocity rela-
tive to the cylinder bore, I_/:f,;, and the angular
velocity components of the piston body as func-
tion of input shaft angle when the input shaft
speed is 10,000 rpm. The max. velocity of the pis-
ton head turned out to be approximately 7 m/s,
while the piston body rotates with the max. angu-

0 80 80 270 360
Rotation Angie, 0_ (deg)
(a) Piston head velocity

& &

n
Qo

Angular Velocity Components (rad/sec)

%0 180 270 360
Rotation Angle, o_(deg)

(b) Angular velocity components of piston

[=]

Fig. 3 Translation and rotation velocities of piston
(ws=10,000 rpm)

lar velocity of about 50 rad/s. As the radius of
the spherical joints is 5.5 mm, the sliding velocity
of their internal contact surfaces is not higher
than 0.275 m/s.

3. Dynamics of the Piston Motion

In order to compute the friction forces gen-
erated by the pistons making translational and
rotational motions relative to the cylinder bore
axes, their equations of motion can be derived
from the free body diagram illustrated in Fig. 4.

Here the axial load, Fp, produced by the cy-
linder chamber pressure, pc, is the function of
input shaft angle.

Fs,, Fs, and Fp, are the reaction force com-
ponents on the spherical joint in terms of the
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Fig. 4 Free-body diagram of piston

XYZ-coordinate system. The friction moment,
M rp, generated on the spherical joint is deter-
mined by the reaction force, F 8, friction coeffi-
cient, s, and radius, R, while its direction is
opposite to @. Its Cartesian components are ex-

pressed by

—Wx RB#BVFBX +F3y +FBZ

M =
"x Jok+ o+ ok

— Wy
My, =22 Rapta/ Fiy + F3, + 3
o R e ®)
My =t Ropp/ iy + Fiy TF5,

Vok+ ok + ok

Similarly, Fa, and Fay are the reaction force
components on the piston head relative to the
X'Y’Z’-coordinate system with its origin located
at O’ on the rotation axis of the cylinder barrel.
The friction force, F s, proportional to the reac-
tion force, Fa, acts on the X'Y'-plane in the
opposite direction of 172;. The friction force and
the Cartesian components of the friction moment
can be expressed as
~Vi

Ff‘__m Hav ijr +F,§y, (4)
A

Mf AX’ I ﬂARAF Axr

| V’
(5)

Mf Ayl I #ARAF Ayr

A V’
where R4 denotes the radius of the piston head.

The equations of motion for the piston can
be expressed by eqs. (6) and (7) in terms of the
XYZ-coordinate system. Here the Cartesian
components of the external forces and moments
are to be induced from the free body diagram in
Fig. 4.

ZFX mprlcy, EFY Mmracy, 2Fz~m}=dcz (6)
XM, =Ivax— ( )wya)z‘l'lxy(a)za)x ay)
_Iyz( ) (CUXwY+dz)
ZMGy:IYaY ( —Ix) wz0x + Ivz (0xwy—az) (7)
—sz( ) Ly (wywz+ax)
ZMGZ=Izaz“ (]X_Iy) Ct)xa)y‘l'ln((a)ya)z—ax)

_IXY(Q)%{_CI)“;') —]yz(a)z(l)x“l'a'y)

where Ix, Iy, Iz, Ixv, Ivz, Ixz are the moments
and the products of inertia about the mass center
G. The acceleration of the mass center, d¢, can
be obtained from @&, @, and gz by

=53+5XEGB+@X(@XEGB) (8)

where R¢s denotes the position vector of the mass
center relative to the spherical joint.

4, Experimental Identification of
Friction Models for Pump Parts

4.1 Tribometer

The friction coefficients of the pump parts such
as spherical joints, valve plate and shaft bear-
ings are dependent on the material properties as
well as its surface treatment conditions. For their
identification a tribometer was constructed whose
working principle was originally proposed by
Siebel and Kehl {(Murrenhoff, 2002). This kind
of tribometer has been widely applied to simulate
the tribological phenomenon between sliding
surfaces of various mechanical components. It’s
basic configuration is schematically shown in
Fig. 5. While the upper disk is fixed to the
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‘!j" ; cylinder
p Load cell
Cover plate

pper

sensor disk
Lower
disk
oil Hyd.
cireulatio oil
unit Proximity
Hyd. _—: sensor
motor

Fig. 5 Configuration of tribometer

reaction torque sensor which is mounted on the
cover plate constrained to the vertical movement,
the lower one is rotated by a hydraulic motor.
The rotational speed of the hydraulic motor is
monitored using a proximity sensor and a pair of
teeth built on the drive shaft.

The two disks have ring-shaped contact sur-
faces and their contact force can be changed by
the hydraulic cylinder whose extension force is
regulated by a adjustable pressure control valve.
The actual normal force is measured by a load
cell located between the piston rod and the
cover plate. In this way, the friction torque gen-
erated on the contact surfaces of the two disks,
the normal force and the rotational speed are
simultaneously measured.

Through the drive shaft of the lower disk, oil
is supplied to the contact surfaces to lubricate
them and flush out wear particles. It is circulated
by a pump and continuously filtered, while its
temperature is regulated to a preset value. The
hydraulic cylinder can develop a contact pressure
up to 2.5 N/mm? on the contact surfaces of the
disks, whereas the hydraulic motor can rotate up
to 10,000 rpm.

4.2 Friction model for valve plate
The friction torque between the cylinder barrel
and the valve plate, 7/, which is dependent on
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the pressure variation of each cylinder chambers
can be mathematically expressed as (Cho, 2000)

N
T = Z Aste, ke ©)
where N= number of pistons, Ab:Ap_z—‘ilrv‘
{ (R —75) (Ri—7?) } and R¢ denotes the
In(Ro/75) In(Ri/7) ¢

mean radius of R, and R;.

Since the pump in this study has 5 pistons, the
cylinder chambers have an angular interval of
72°. Eq. (9) denotes that the normal force gen-
erating the friction torque on the valve plate is
the sum of the forces produced by each cylinder
chamber pressure, pc; acting on the effective
area of the cylinder barrel, A,. As the 5 cylinder
chambers cross over the inlet and outlet ports of
the valve plate one after another, their individual
pressure waveform having an identical pattern
with suction and discharge pressure regions will
be sequentially shifted by 72° with respect to
input shaft angle.

The friction coefficient, v, represents the
coulomb and viscous friction. The coulomb fric-
tion part can be quantified by only experiment-
al measurement using the tribometer described
above. For this measurement, the two disks
were replaced by actual valve plate and cylinder
barrel.

On the contrary, the viscous friction part can
be theoretically expressed, the two pump parts
being considered as circular rings. Hereat, it was
assumed that the clearance between the cylinder
barrel and the valve plate is constant and the
oil flow there is primarily oriented in the radial
direction.

Figure 6 shows the measured coulomb friction
data and the computed viscous friction curve,
where the clearance between the cylinder barrel
and the valve plate was assumed to be 10 um, as
generally accepted. The oil viscosity was 70 cSt.
Summing them, we obtain the total friction co-
efficient curve as shown in Fig. 7. In Fig. 6 the
measured data are not given between 0 and 200
rpm because the stick-slip phenomena made it
impossible to continuously change the rotational
speed of the cylinder barrel in this speed range.
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4.3 Friction model for shaft bearings

Palmgren derived an empirical equation to
mathematically express the friction torque on the
shaft bearing as following (Tedric, 2001):

T¢=Tnt+ T (10)
where
T=mechanical friction torque=f1Ffd%

T»=viscous friction torque
_ {10‘7]‘0(11605) My (if va)SZZOOO)}
160 X107 fody,  (if vaws<2000)

The coefficients fi, fo, @ and b are given by
bearing makers (SKF, 2003). Using eq. (10), 7
was computed and compared with the measured
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Fig. 8 Friction toque produced by shaft bearing

data which were obtained by the tribometer. Here
the two disks were also replaced by the inner and
outer race of an actual shaft bearing. Fig. 8 shows
the results. It can be seen that eq. (10) is quite
accurate.

4.4 Friction model for piston head and sphe-

rical joint

The friction force and friction moments gen-
erated on the piston head and the spherical joint
are previously expressed by egs. (3), (4) and (5).
Since the piston heads and the spherical joints
are made of same material and have same sur-
face quality, they have same friction coefficient.
In order to experimentally identify its value using
the tribometer, two ring-type specimen having
same material property and surface condition
were used.

Figure 9 shows the measured results. The ex-
periment under the tangential speed of 0.7 m/s
was not possible because of the stick-slip pheno-
menon. However, the friction coefficient in the
low speed range can be assumed by linear inter-
polation between 0.04 and 0.09, the static fric-
tion coefficient.

As mentioned above, the spherical joint makes
slide motion on its surface with the velocity lower
than 0.3 m/s even at the max. input shaft speed
of 10,000 rpm. It can be seen that its friction
coefficient changes between 0.07 and 0.09 within
this speed range.

In case of the piston head, its translational
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Fig. 9 Friction coefficient of specimen representing
spherical joint and piston head

speed reaches up to 7 m/s when the input shaft
rotates at 10,000 rpm. As explained later again,
the reaction force on the piston head, Fj, is
smaller than 160 N, whereas that on the spheri-
cal joint, Fp, is as large as 2,150 N. Therefore,
the friction coefficient of the piston head can be
roughly assumed as 0.02 without significantly
affecting the modeling accuracy.

5. Results of Friction Loss Analysis

Using the friction coefficients identified as des-
cribed above, the normal reaction force on the
piston heads, F,, and that on the spherical joints,
F3, were computed. Fig. 10 and (1 depict the
results as function of input shaft angle at the
rotational speed of 500 and 10,000 rpm, respec-
tively, where a load pressure of 300 bar was ap-
plied. Concerning the dynamic pressure varia-
tion in each cylinder chamber, it was assumed
to change as shown in Fig. 12. This pressure
waveform was obtained by separate computer
simulation with the valve plate geometry shown
in Fig. 2 applied. It differs from the practical
data in respect that the pressure pulsation at the
pump outlet is not represented during the dis-
charge stroke.

As the input shaft speed increases, F4 is
mostly affected by the inertial force because the
angular acceleration of the piston gets progressi-
vely larger. But its magnitude is still smaller
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than 160 N. In contrast with that, Fj, mainly
dependent on the cylinder chamber pressure, pc,
is less influenced by the input shaft speed.

Once the friction force and the friction mo-
ments on the pistons have been obtained from the
dynamic analysis, the required input torque to
overcome them can be computed by applying the
work and energy method.

Figure 13 shows the friction torque generated

by spherical joints, T7, as function of input
shaft angle with the input shaft speed changed
as parameter. It can be seen that they result in the
increase of the required input torque by an av-
erage value of 0.12 Nm at ws=10,000 rpm when
the pump is loaded with 300 bar. Although the
normal reaction force on the spherical joints, Fj,
is as high as 2,150 N under this operation condi-
tion, the friction moment, My, is inherently low
because the friction coefficient is smaller than
0.025, as illustrated in Fig. 9. As the object pump
has 5 pistons, 77 ripples 5 times during 1 revo-
lution of the input shaft.

Since a theoretical input torque of 23.83 Nm
is required to drive the pump with the volume-
tric displacement of 4.99 cc/rev at the load pres-
sure of 300 bar, the friction torque generated by
the spherical joints equals to approximately 0.5%
of it.

As shown in Fig. 14, the additional input
torque caused by the friction forces on the piston
heads, 7/, under the same operation condition
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Fig. 14 Change of friction torque generated by
piston heads

is smaller than 0.04 Nm at @s=10,000 rpm. There-
fore, the piston heads turned out to have least
influence on the friction loss. It is to be noted
that the waveform of 77 is quite different from
T#, T#, and T¥ as shown below. Fig. 13 and
Fig. 14 indicate that the required input torques
caused by the friction forces on the spherical
joints and piston heads are little dependent on the
input shaft speed, whereas they are proportional
to the load pressure in principle.

If the measured value of the friction coefficient,
sy, in Fig. 7 is substituted into eq. (9), the fric-
tion torque generated between the cylinder barrel
and the valve plate, T/, equals to 0.191 Nm at
@s=500 rpm and to 1.64 Nm at @s=10,000 rpm,
as shown in Fig. 15 when the pump is loaded with
300 bar. It means that the viscous friction on the
valve plate increases the required input torque
up to approximately 7% of the theoretical input
toque.

If the friction torque generated by the shaft
bearing, T, is computed by eq. (10) for the same
operation conditions, the results indicate the
increase of the required input torque by 0.91 Nm,
about 3.8% of the theoretical input toque, at
ws=10,000 rpm (Fig. 16).

Finally, it can be noted that the friction torque
of the object pump is mainly produced by the
valve plate and shaft bearing. The friction forces
on the piston heads and spherical joints turned
out to have little influence on the friction loss
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even at the high shaft speed of 10,000 rpm.

If the friction torques generated by the piston
heads, spherical joints, valve plate and bearing
are summed together, it amounts about 2.6 Nm
at ws=10,000 rpm at the load pressure of 300 bar.
It corresponds to 10.9% of the theoretical input
torque. The total input torque, T;, obtained by
superposing the friction torques to the theoretical
input torque, is given by Fig. 17.

In order to examine the analysis error of the
friction loss, the practical input torque was mea-
sured and compared with the computed value.
Figure 18 shows the results, where the load pres-
sure was set to 68 bar (1,000 psi) and 136 bar
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Fig. 18 Comparison of computed total input torque
with experimental data

(2,000 psi), respectively. The computed total in-
put torques are slightly smaller than the measured
ones. The maximum error between them amounts
approximately 6%, if it is defined as

(computed value-measured value)
measured value

X100

This error may be caused by the assumption that
the clearance between the cylinder barrel and the
valve plate has an average value of 10 yum and
that the friction torque of the bevel gears is
negligible. If the mechanical efficiency of the
bevel gears ranging from 98% to 99% is taken
into consideration (Townsend, 1992), the error
could be even smaller.

Because of the stick-slip effect occurring at the
pump drive unit, the object pump could not be
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Fig. 19 Torque efficiency of object pump

tested in the input shaft speed range between
0 and 1,000 rpm.

Fig. 19 shows the same results in terms of the
torque efficiency. The object pump indicated a
practical torque efficiency of about 85% at ws=
4,000 rpm and 75% at ws=8,000 rpm for the load
pressure of 136 bar.

As mentioned above, the friction torque of the
object pump is mainly produced by the valve
plate and shaft bearing. Their viscous frictions
play a significant role as the input shaft speed
increases. And Fig. 18 indicates that their cou-
lomb friction part will increase the starting tor-
que by approximately 3.7% of the theoretical
input torque when the load pressure is 136 bar.
This may cause the stick-slip motion of the pump
when it should creep or run slowly at high load
pressure. While the viscous friction can be reduc-
ed by their rotation radius, the coulomb friction
may be suppressed by proper treatment of sliding
surfaces.

6. Conclusions

The friction loss analysis in this study indicat-
ed that the friction torque of a bent-axis type
piston pump is mainly produced by the valve
plate and input shaft bearing. In contrast to that,
the friction forces and moments on the pistons
including spherical joints turned out negligibly
small.

The analysis error in this study may have

mainly resulted from the assumption that the
clearance between the cylinder barrel and valve
plate has a constant value of 10 yum. As future
work, this parameter should be experimentally
investigated to improve the modeling accuracy.
Furthermore the friction characteristics of the
piston head with seal rings should be studied,
and their surface roughness should be considered
as well. (Kim, 2002)

According to the study, the diameters of the
valve plate and the shaft bearing should be mini-
mized in order to increase the torque efficiency
of the object pump at high input shaft speed.

Apart from the friction losses dependent on the
input shaft speed, the coulomb friction of the
valve plate may be the main reason for the dead
band when the input shaft speed of the pump
should be precisely controlled to position the
hydraulic cylinder of an EHA. The coulomb
friction of the valve plate is to be reduced by an
improved treatment of the cylinder barrel’s bot-
tom surface mating with it.

Therefore, reshaping the valve plate, improving
the surface condition of the cylinder barrel, and
changing the shaft bearing arrangement should
be studied further so that the pump can be advan-
tageously applied to the electro-hydrostatic trans-
mission control.
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